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Abstract

The Tesla turbine operation is based on the use of tangential stresses arising from the fluid viscosity and turbulence and from the phe-
nomenon of the fluid adhesion to the surface it flows past. The paper presents a description and testing of the Tesla turbine model, point-
ing to the impact of the applied turbulence models on the prediction of the Tesla turbine operating conditions. Non-stationary simulations
are performed using the Ansys CFX 18 commercial code. The following turbulence models are analysed: the RNG k-g, the k- SST and
the SST-SAS in two variants of time and space discretization. The flow field structures and the flow unsteadiness occurring in the gaps
between the rotor discs are described. The distribution of power unit arising on the discs is determined and the predictions as to the power
generated by the turbine coming from numerical analysis and preliminary experimental investigations are compared. A comparison of

efficiency estimation is made using different methods.
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1. Introduction

The Tesla turbine, also known as the bladeless turbine or
the boundary layer turbine, was built by Nikola Tesla in 1906.
It was patented in 1915 [1]. Though successful at the begin-
ning, Tesla soon encountered obstacles that at that time were
insurmountable. As no appropriate materials capable of with-
standing high stresses arising in discs (estimated by Tesla at
the level of 350 MPA [2]) were available, the works on the
turbine development were discontinued. At present, due to the
progress in design materials, the Tesla turbine has again be-
come the subject of research.

Although the turbine structure is relatively simple, the flow
in it is rather complex. The fluid is fed to the rotor at an ap-
propriate angle by a supply system made of nozzles. It is in
the nozzles where the fluid is expanded, which involves a rise
in its velocity. The optimal geometry of the nozzles is ex-
tremely important in terms of the turbine performance because
the losses occurring there are the main causes of the drop in
efficiency [3, 4]. The medium velocity at the nozzle outlet
often exceeds the speed of sound, which may generate shock
waves [5]. Being strongly non-isentropic phenomena, shock
waves also involve a drop in the turbine efficiency. Moreover,
propagating in the rotor, they favour flow disturbance and
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incidents of the fluid jet separation [6]. Another essential fac-
tor that affects the turbine efficiency is the ratio between pres-
sure values at the inlet and at the outlet of the nozzle. If the
fluid in the nozzle expands to a pressure level exceeding the
value prevailing beyond the supply system, expansion and
secondary compression may occur [7]. These are entropy-
generating processes and as such — they cause a decrease in
efficiency. Having expanded in the nozzle, the fluid is directed
to the region of the rotor composed of flat discs mounted on a
shaft. Due to adhesion forces between the particles of the discs
and the fluid, the latter adheres to the disc walls. The transfer
of energy from the working medium to the disc occurs owing
to the moment diffusion, which is an effect of the fluid viscos-
ity. The layers of the jet moving more slowly absorb particles
from the faster layers of the fluid and thus increase their mo-
mentum. Being strongly bound by intermolecular forces with
the fluid first layer, the disc also increases its momentum,
which makes the rotor rotate. The fluid elements move spi-
rally in relation to the outlets located close to the rotor axis.
The outlet system geometry and the method in which the
working medium is extracted from the turbine also have an
effect on the turbine total efficiency [4, 8]. The main problems
that may result in a drop in efficiency is an abrupt change in
the fluid outflow direction and its high outlet velocity increas-
ing the kinetic loss.

The Tesla turbine has a number of advantages [9, 10]. The
most important is the unsophisticated structure, which means
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low costs of manufacture. Consequently, the profitability of an
installation with a bladeless expander is greater. Corrosion
resistance and the flexibility of choice of the working medium
[11] are of particular importance in the case of an ORC instal-
lation [12, 13]. One of the main problems in conventional
turbines used in such installations is condensation, which is
the main cause of erosion [14]. The fact that the flow in the
Tesla turbine is tangential to the surface substantially de-
creases erosion caused by solid particles or condensate drop-
lets. As a result, the risk of the turbine failure is reduced. The
possibility of applying bladeless turbines in ORC systems has
been a frequent subject of research. Carey [15] analysed a 4
kW solar cogeneration system. The analysis results prove that,
if appropriate flow parameters are kept, it is possible to
achieve the turbine efficiency at the level of 80 %. Kim and
Yoon [11] also investigated the possibility of using a bladeless
turbine in a cogeneration system supplied with waste heat. In
their experiment, they achieved the power value of 4.25 kW at
the efficiency of 26 %. Lampart et al. [16] tested the operating
conditions of a micro Tesla turbine in a cogeneration system
producing 20 kW of heat. The obtained results prove that in
terms of efficiency bladeless turbines may equal turbines with
blades in installations with a low-boiling fluid. Song et al. [17]
tested the impact of the ORC installation working medium on
the Tesla turbine performance. Of all the considered fluids, the
highest efficiency at the level of 36.6 % was achieved using
the R245ca medium. Another essential advantage is the flow
reversibility. Miller et al. [18] proposed using a disc pump,
based on the same effects as the Tesla turbine, as a blood flow
device. It is proved that the Tesla pump can produce physio-
logical pulsations in pressure and, in terms of flow parameters,
it equals other pumps intended for this purpose. If its supply
and exhaust systems are modified slightly, the Tesla turbine
can operate in the mode of a compressor or pump. This means
the potential for use in compressed air energy storage (CAES)
systems [19, 20].

The Tesla turbine main weakness is low efficiency. This is
due to a number of factors, but the most essential are [10, 21]:
The pressure ratio, the spacing between the discs, the disc

surface roughness, the fluid type and the rotor rotational speed.

The main culprit here are the losses arising in the supply and
in the exhaust system [4]. Hoya and Guha [22] used the static
pressure loss to determine the efficiency of supply nozzles.
The friction factor, which expresses friction-related energy
losses, was 10 times higher in the Tesla turbine than in the gas
turbine. Guha and Smiley [23] proposed a new geometrical
solution that enables a substantial reduction in such losses. Li
et al. [24] found in their experiment that the rotor rotational
speed had a significant impact on losses in the exhaust system.

Some design solutions of the turbine elements seem to be
far from optimal and need to be improved. Numerical simula-
tions can be applied for this purpose, but they require a nu-
merical model that will take account of the most important
phenomena and processes occurring in the turbine. This paper
presents an assessment of the impact of the selected turbu-

lence model on the calculation results. Three turbulence mod-
els are presented and the differences in the parameter distribu-
tions are compared. A comparison is also made of the turbine
power as the global parameter defining the turbine perform-
ance. 5 methods of efficiency prediction based on different
assumptions are also presented.

2. Computational model

2.1 Geometrical and mathematical model

The numerical simulations were performed using the Ansys
18.0 commercial software package. The geometrical model
reflected the dimensions of a real turbine, the rotor of which is
composed of 5 discs with diameter D = 73 mm; the spacing
between the discs totals b = 1.5 mm. The model takes account
of the turbine half: both sides of two discs and one side of the
third. This simplification shortens the computation time sub-
stantially and poses smaller requirements as to computer re-
sources, but it does not affect the prediction of the turbine
operating conditions. The computational domain area (marked
in frame) is presented in Fig. 1. Fig. 2 presents the geometrical
model with the most important boundary conditions.

The supply system is composed of a cylindrical chamber
with the diameter of 6 mm. The fluid flows from the chamber
into the rotor through orifices with the diameter of 1.8 mm.
The model takes account of two supply orifices. The supply
system chamber is located between the nozzle and the rotor.
Additionally, the model takes account of the clearance of 1
mm between the rotor tip and the turbine casing.

The area of the inter-disc gaps is a stationary domain with
rotating walls. The no-slip wall condition is assumed on the
surface of the walls. The domain of the spacers, with a charac-
teristic spiral shape of the arms, is assumed as rotating. The
aim of the spacers is to hold constant distance during operat-
ing of the turbine. Their spiral shape is supposed to facilitate
and organize outflow from the rotor. Moreover, due to pres-
sure gradient in the rotor, pressure force is also acting on the
arms of the spacer and contribute to the generation of power.
Depending on the flow parameters, increase in power may be
up to 1.5 %. More detailed discussion on this subject is pre-
sented in Ref. [8]. The domains of the spacers and of the gaps
between the discs are connected to each other using the frozen
rotor interface. The fluid leaves the rotor through 5 orifices
with the diameter of 7.5 mm, located 10 mm away from the
axis. The exhaust system is composed of two chambers and 4
cylindrical connectors in between.

A duct with the diameter of 11 mm and the length of 20 mm
is connected to the second chamber to carry the medium out
directly into the environment. The exhaust system is stationary
and connected to the rotating domain of the spacers by means
of the frrozen rotor interface.

The conservation equations are solved numerically using a
high resolution scheme adopted for spatial discretization.
Time discretization is carried out using the second-order
backward Euler transient scheme. Dynamic viscosity is an
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Fig. 2. Basic boundary conditions of the numerical model.

essential parameter. By determining tangential stresses in the
fluid, it has a direct impact on the power generated by the
Tesla turbine. Due to considerable changes in the flow tem-
perature between the discs, its impact on the laminar viscosity
value is taken into consideration. In the numerical model,
viscosity as a function of the fluid temperature is determined
using the Sutherland formula [25]:

3/2 T T
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where Sutherland temperature Ts = 110.4 K, reference viscos-
ity Wer = 1.719x107 Pa's, reference temperature T, =
273.15K.

The computations were performed in the CFX 18.0 pro-
gram, which makes use of the implicit finite volume scheme.
Mass, momentum and energy conservation equations were
solved:
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The conservation equations are Reynolds-averaged, and
turbulent stresses are modelled using the Boussinesq hypothe-
sis assuming a stochastic turbulence model for turbulent vis-
cosity determination. Three two-equation turbulence models
are adopted in the analyses: RNG k-¢, k- SST and SST-SAS.
The RNG k- model [26, 27] is analysed first. In the standard
k-¢ model, turbulent viscosity is found based on one turbu-
lence scale, whereas the RNG model takes account of differ-
ent scales [28]. This is possible due to the application of the
renormalization method, which enables gradual elimination of
the impact of the smallest scales that cannot be solved using
available computer resources.

The second in the analysis is the k-0 SST model [29],
which is a combination of the k-¢ and the k- model. The k-¢
model simulates turbulence correctly in the free stream far
from the channel wall, but its essential downside is that it in-
flates the tangential stress values in the boundary layer. For
this reason, the flow boundary layer is modelled using the k-®
model, where the transport equation is solved for the turbulent
dissipation rate. Beyond the boundary layer, the model is very
sensitive to changes in the free stream turbulent dissipation
rate ®r. Depending on oy, the turbulent viscosity value may be
doubled [30]. For this reason, a blending function is used,
which enables a gradual transition from the k-o model in the
boundary layer to the k-¢ model as the distance from the wall
gets bigger. The k- SST model thus ensures correct results in
the boundary layer and in the free stream at a relatively low
computational cost. This is why this is the most popular turbu-
lence model applied in engineering problems.

The SST-SAS model belongs to the URANS class and
takes account of an additional source term in the equation
describing the unit rate of energy dissipation ®, which de-
pends on the unsteadiness level. The rise in non-homogeneity
is determined using an additional von Karman scale in this
term. The scale is calculated based on the second derivative of
velocity [31]:

=K— )

where S — strain rate tensor, U~ — second derivative of velocity,
& — von Kdrmén constant.

In the case of a non-stationary area, the ratio between the
turbulent length and the von Karmén length scales increases,
which activates the additional source term Qsug in the dissipa-
tion equation [32]. A rise in dissipation involves a drop in
turbulent viscosity, which enables the creation of smaller vor-
tices arising due to decomposition of larger vortex structures.
The possibility of modelling these structures is limited by the
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numerical mesh and the time step adopted for the calculations.
The additional term Qgag is not active in stationary areas, so
the SST-SAS model produces the same results as the standard
SST model. Its application is recommended as an alternative
to the LES method if unsteadiness is considerable, which is
the case here.

2.2 Analysis of the solution sensitivity — k-« SST turbulence
model

The computational area should be discretized taking ac-
count of the distribution of flow parameters in the computa-
tional domain. Large gradients of parameters require that the
numerical mesh density should be selected accordingly. The
selection of the mesh for which the obtained solution does not
depend on space discretization and the selection of the time
step require a sensitivity analysis. The analysis of the solution
spatial sensitivity was composed of two stages. First, global
parameters of the numerical mesh elements were adopted, and
then the boundary layer parameters were selected.

Five numerical meshes were generated, which differed from
each other in the number of elements, keeping however ap-
propriate proportions of the element size between different
discretization areas. The meshes had 2M, 2.7M, 4.1M, 5.2M
and 7.7M elements.

Fig. 3 presents discretization of a fragment of the computa-
tional area in the region of the stream supplying the rotor. The
mesh smallest elements occur in places with the greatest ve-
locity gradients, i.e. in the upper part of the inter-disc gap and
in the entire supply unit. The discretization in the boundary
layer area that ensures the value of parameter y" =~ 1 occurs in
the clearance between the rotor tip and the turbine casing, on
the walls of the inter-disc gaps and inside the nozzles of the
supply unit.

The discretization selection criterion was the turbine power,
which — being the most important global parameter — required

an appropriately fine mesh in the entire computational domain.

Stresses in direction x and y were responsible for the genera-
tion of torque for a given spatial orientation of the inter-disc
gap computational domain. Power is determined from the
following equation:

N=w, |rxtd4. 6)

This can be expressed as follows:
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Fig. 3. Domain mesh: (a) General look; (b) inlet orifices; (c) inter-disc gap.

The calculations were performed for the parameters listed in
Table 1. Fig. 4 presents a chart illustrating the dependence of
power on the number of the mesh elements. The results are
presented in relation to the power value obtained from the
finest mesh. 3 numerical meshes (4.1M, 5.2M, 7.7M) ensured
the calculation accuracy level of 99 %. The mesh composed of
~4.1M elements was selected for further analysis. The length
of the element edges in the finer area of inter disc gap was
equal to 0.2 mm while in the coarser area was equal to 0.7 mm.
The inlet system and the tip clearance domain also consisted
of 0.2 mm elements.

The second stage was to select the boundary layer discreti-
zation. The variables were: the height of the first element,
which had a direct impact on the value of parameter y’, and
the number of layers. The increment in subsequent layers was
1.2, and the boundary layer total thickness was 0.32 mm. Ta-
ble 2 presents the following parameters: The maximum value
of y" and the first element height §, of the analysed meshes.
Fig. 5 presents relative power related to the reference case as a
function of the maximum value of parameter y* in the area of
the inter-disc gaps.

Mesh 1 was the reference case. It follows from Fig. 5 that
meshes 1-4, for which y~ < 2, give similar power values.
Compared to power in the reference case, a rise can be ob-
served for cases 2-4 and a considerable drop for mesh 5 and
mesh 6. These differences are the direct effect of the accuracy
of the determination of the boundary layer velocity profile.
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Table 1. Parameters used in the mesh sensitivity analysis.

Total pressure 3 bar
Inlet Total temperature 303K
Flow direction Normal to boundary
Turbulence intensity 5%
Static pressure 1 bar
Outlet
Pressure averaging Avg. over whole outlet
Rotational 25000 min’'
speed
Heat
transfer Total energy

Table 2. Parameters of the numerical meshes under analysis.

Mesh number maxy" ) [mm]
1 0.070 5:10°
2 0.15 10*
3 0.50 5:10*
4 1.50 10°?
5 8.00 5107
6 16.00 107
100 — .
99
< 98
_t 97 L
Z 9%
S~
Z 95
94
93
0 2 4 6 8 10

Number of elements x10°

Fig. 4. Analysis of the solution sensitivity to the computational area
discretization.
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Fig. 5. Boundary layer discretization sensitivity analysis.

For example, Fig. 6 presents changes in non-dimensional ve-
locity u” depending on non-dimensional distance y* from the
wall in the gap between disc 1 and disc 2 in the point with the
highest Mach number.

The chart presenting the relation between the two quantities
satisfies the law of the wall [33]. According to the theory, for
the laminar sublayer of y* < 5, u” =y, whereas the logarith-
mic equation u*=1/kIlny"+C holds for the y" > 30 area
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Fig. 6. Non-dimensional velocity u+ as a function of non-dimensional
distance from the wall y+ for different numerical meshes.

[34]. For the transitional range of 5 >y > 30, none of the
above relations reflects the correct shape of the profile, but
some attempts at finding an appropriate equation can be found
in Refs. [35, 36]. It can be seen in Fig. 6 that for meshes 1 and
2 the velocity profile is described exactly according to the u” =
y" equation, whereas the profiles for meshes 3 and 4 differ
from it only slightly. A further implication of this situation is
better accuracy of determination of the velocity gradients,
which in turn affect the power value according to Egs. (6)-(8).
For this reason, the turbine power values obtained for meshes
1-4 are at a very similar level. Compared to the reference case,
the maximum difference occurs for mesh 4 and totals 2.5 %.
In the case of meshes 5 and 6, the accuracy of the velocity
profile determination is much worse. It deviates considerably
from the law of the wall in the laminar sublayer. Due to that,
the tangential stress values are underestimated, which results
in respective power values by about 15 % and 30 % smaller
than in the reference case. Mesh 3 was selected for further
analyses. Finally, after the two sensitivity analyses, the nu-
merical mesh had about 5.1 million elements and 5.22 million
nodes. 97 % of elements was hexahedral and the rest were
tetrahedral and pyramidal.

In the next stage, the impact of time discretization on the
simulation result was also investigated. For this purpose, un-
steady-state calculations were performed using a variable time
step. The initial time step was selected based on the analysis
of the frequency of pressure fluctuations in the supply nozzle.
It totalled Af = 10™ s. Next, the time step was doubled, made
five times longer, then halved and made four times shorter.
The obtained power values related to the reference level as a
function of the time step are presented in Fig. 7. It can be no-
ticed that time step Az = 10" s ensures appropriate time discre-
tization. A further reduction therein does not improve the
simulation results significantly. Lengthening the time step
involves a difference by about 3.3 %. In view of these results,
the time step of Az = 10" s was selected for further calculations.

2.3 Analysis of the solution sensitivity — SST-SAS turbulence
model

A separate sensitivity analysis was conducted for the SAS
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Fig. 8. Mach number distributions for two selected time instants for
SASv.1 (top) and the SASv.2 (bottom) models, n = 30000 min™.

Fig. 9. Q criterion comparison for the SASv.1 (left) and SASv.2 (right)
models, n = 30000 min™'.

model. A reduction in the time step and in the size of the nu-
merical mesh elements in this model affects the accuracy of
modelling turbulent structures, which may in turn have an
effect on the obtained power value [31]. For this reason, an
additional analysis was performed to investigate this effect. A
mesh was generated with about 12 million elements, with the
same proportions of density as the mesh selected for calcula-
tions previously. The time step was ten times smaller and to-
talled Ar = 10 s. The other boundary conditions were identi-
cal to those adopted in the previous cases. The mesh with 5.1
million elements is referred to as SASv.1 and the mesh with
12 million elements — as SASv.2.

Fig. 8 presents instantaneous Mach number distribution in
the gap between disc 1 and disc 2 for meshes SASv.l and
SASv.2, respectively, and Fig. 9 shows the Q-criterion for Q =
4.5:10° s” with the viscosity ratio contours. Fig. 8 for the
SASv.2 case illustrates the process of the jet formation and
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separation. The jet is straight and cohesive, with distinct
boundaries up to about half its length, then it starts to lose its
stability. Separation of a part of the jet can be observed. The
separated part then proceeds chaotically towards the domain
boundary. The jet farther part is characterized by high irregu-
larity and a smaller Mach number. Distinct swirling occurs in
the region between the jet and the inter-disc gap boundary.
The swirling is characterized by locally increased velocities.
Comparing the distributions obtained for the SASv.1 and
SASv.2 models, it can be noticed that the mesh density has a
significant impact on the flow image. Clear differences can be
observed in the velocity distribution in the jet and in the jet
shape, whereas the jet width remains the same. In the case of
the SASv.1 mesh, the shape is closer to the averaged one and
the jet does not lose stability. The swirling area between the
jet and the domain boundary is characterized by more regular
contours of the Mach number. The jet boundaries can be dis-
tinguished clearly along the entire length of the inter-disc gap.
In the SASv.1 case, the Mach number inside the jet is slightly
lower compared to SASv.2, and its highest values occur only
up to about a third of the jet entire length.

In the SASv.2 case, the area with the highest Mach number
extends up to the jet half. It follows from Fig. 9 that a finer
mesh with a smaller time step makes it possible to take ac-
count of smaller non-homogeneities and vortex structures
characterized by a higher frequency. This is an effect of lower
turbulent viscosity. The turbulent-to-laminar viscosity ratio is
presented on the contours of the structures. In the case of the
SASv.1 model, the viscosity ratio is higher, which has an ef-
fect on the dissipation of smaller-scale vortices. It can be ob-
served that in both cases instances of the greatest unsteadiness
occur in the upper part of the inter-disc gap, where velocities
are the highest. The finer mesh of the SASv.2 variant makes it
possible to model much smaller turbulent structures compared
to the SASv.1 model, where the occurrence of only the great-
est unsteadiness is made visible. Comparison of time-averaged
power obtained from the models proves, that despite the dif-
ferences in the flow structure, no significant differences in
power are observed (Ngasy.; = 54.57 W, Ngagy2 = 54.08 W).
The power value obtained from the SASv.1 model is by 0.49
W higher, and the relative difference is 8, = 0.76 % only. Con-
sidering the much longer computation time and the fact that
the only advantage was a more detailed qualitative analysis of
the distributions of flow parameters, a decision was made to
perform further analyses by means of the SST-SAS model
with the SASv.1 mesh.

3. Modelling the turbine power and efficiency charac-
teristics

This section presents selected results of the transient flow
field analysis conducted for 3 turbulence models. The turbu-
lence model parameters determine the value of turbulent vis-
cosity, which, as defined by Egs. (6)-(8), is essential for de-
termination of stresses arising on the surfaces of the discs. The
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Fig. 10. Contours of instantaneous distributions of power generated on
the wall of disc 2, n = 30000 min™'.

stress values determine the moment in relation to the rotor
shaft axis and the value of power generated by the turbine.
Instantaneous distributions of unit power generated on the
surface of disc 2 are shown in Fig. 10. The presented distribu-
tions indicate that areas with the greatest power values coin-
cide with areas characterized by the highest velocity gradients.
In every case, the highest values are found at the fluid inlet to
the inter-disc space. In the case of the RNG k—¢ model, they
total about N, = 22.5 kW/m?; for the other models — N, = 35
kW/m* (k- SST), N, = 37.5 kW/m’ (SASv.1) and N, = 42.5
kW/m” (SASv.2). Some places can also be distinguished in the
figure with negative power reaching up to -10 kW/m®. They
are located in the area between the jet and the disc outer edge.
These areas contribute to the decrease in the turbine total

power. The power distribution in the jet core is also interesting.

In the case of the RNG k—¢ model, the values remain practi-
cally unchanged on its entire length and drop only by about 5
kW/m’. In the other cases, the drop is bigger. High power
values are maintained in the jet core on its entire length in the
case of the SASv.1 and the SASv.2. model. In the other parts
of the disc, no essential values of generated power are ob-
served (N, < 5 kW/mz). This means that the area which is
important in terms of the turbine performance is only the jet
flowing directly out of the supply system nozzle.

Considering power optimization, the optimal inflow angle
should therefore be selected so that the fluid can move with the
highest velocity as far as possible from the shaft axis. Another
positive effect will be a reduction in the area of swirling and
reverse flows, which can be seen in Fig. 8 between the jet and
the inter-disc gap boundary and which slows down the rotor.
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Fig. 11. Characteristic of the turbine power depending on rotational
speed.

Curves illustrating changes in the mean power value as a
function of rotational speed were plotted for the RNG k—¢, the
k—o SST and the SASv.1 model. They are presented in Fig.
11. It can be observed that each characteristic is parabolic and
relatively flat, i.e. power varies only by about 10 % of the
maximum value in a wide range of rotational speeds (15000 —
35000 min™). The highest values of power were obtained for
the RNG k—& model for rotational speed n = 25000 min: N =
54.5 W, whereas for the k—® SST and SASv.1 models — for n
= 26000 min™: N = 55.9 W. For lower rotational speeds, i.e.
up to about n = 22500 min™, the power values for all the cases
under analysis are practically the same. A further rise in rota-
tional speed involves a gradually increasing difference be-
tween the k-0 SST and SASv.l models and the RNG k—¢
model. It may be concluded that a rise in circumferential and
radial velocity involves a reduction in the power value esti-
mated by means of the RNG k- model. Power values ob-
tained from experimental investigations are substantially
lower compared to ones obtained from numerical analysis.
The biggest differences occur for higher rotational velocities
(up to 40 %). It should be also noted, that peak values are
moved toward lower rotational velocity, to approximately
21000 min™. It is impossible to assess predictions accuracy of
numerical investigations basing on preliminary experiment. A
further effort aiming rise of measurement precision level is
required. The most important factor affecting the differences
is precision of turbine manufacturing. Investigated turbine was
just a prototype of demonstrating model. Discs are not ideally
parallel to each other after mounting on the shaft, although
there is such assumption in CFD analysis. The lack of appro-
priate sealing in the inlet system also may cause volumetric
losses. Apart from that, there is also some level of uncertainty
provided by the measurement system. For the SST model,
characteristics of efficiency as a function of rotational speed
were additionally determined.

The efficiency values were established based on the results
obtained from a numerical analysis and by means of theoreti-
cal relations [15].

Method 1
Power is determined based on the stress values obtained
from the CFD analysis according to the following formula:
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7= N . 9

K=l
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pin

Because the fluid inlet and outlet parameters were constant,
the mass flow was constant for each rotational speed and to-
talled m=0.00304 kg/s.

Method 2

Based on the fluid thermodynamic parameters at the turbine
inlet and outlet, the real drop in enthalpy is found and then
compared to the isentropic one:

hl _ hz
= 10
U (10)
Method 3

Method 3 makes use of the approach described by Carey
[15]. Isentropic efficiency is defined as:

mJ(@H)_(%é)?](pl)M‘f . an

The formula is based on determination of the change in the
fluid angular momentum as it flows through the rotor disc.
W is the non-dimensional relative peripheral speed on the
disc biggest radius r, and on the outlet radius 7, & is the ratio
between the radii: r/r, = 0.48, and M, — is the Mach number
on the disc outer edge. The above quantities can be deter-
mined from the following equations:

- -U.
W, = [U—J (12)
. 24&;/ Rey, Re' e —~ Re .
W= € €, o2 ke | W - €, o 2 Fen (13)
& 24 24
Re, = %7;1—‘” (14)
U
M = 0 15
o W (15)
U,=ar,. (16)

It should be noted that the above relations are derived based
on assumptions which differ from the conditions adopted in the
CFD simulation. The assumptions are compared in Table 3.

Quantity W, is determined according to Eq. (13), and criti-
cal velocity is adopted as circumferential speed on the outer
radius.

Table 3. Efficiency calculation assumptions.

Theoretical derivation CFD analysis

Turbulent flow

Laminar flow

Two-dimensional flow field Three-dimensional flow field

Non-viscous and incompressible
flow, body forces reflect the fluid
internal friction

Viscous and compressible flow

Radially symmetric flow field;
constant velocity on the outer
radius — velocity does not
decrease along the streamline

Non-symmetric flow field;
velocity decreases on the biggest
outer radius along the streamline

Effects due to the pressure
gradient are not omitted (e.g. the
pressure force acting on the
spacer arms)

Effects due to the pressure gradient
along the radius are omitted

Velocity higher than critical at

Critical velocity at the rotor inlet .
the rotor inlet

Homogeneous flow field in every
inter-disc gap

Non-homogeneous flow field in
inter-disc gaps

Method 4

The method makes use of relation Eq. (12) for the outer ra-
dius, but in order to determine non-dimensional circumferen-
tial velocity on the biggest radius, mass-averaged velocity
found from the distribution determined by means of numerical
calculations is assumed, whereas on the smallest radius — the
calculations are performed according to Eq. (13).

Method 5

The values of W on the inner and outer radius are deter-
mined based on Eq. (12), where mass-averaged velocity val-
ues found from numerical calculations are substituted.

The efficiency calculation results are presented below. Fig.
12 shows example lines of real and isentropic expansion in the
turbine according to Method 2. Line 1-2s illustrates the re-
versible adiabatic curve and line 1-2 — the irreversible one.
The enthalpy at the turbine inlet in point 1 was determined
based on static pressure and static temperature. Point 2s was
found for constant entropy from point 1 and outlet pressure.
Point 2 was determined based on outlet pressure and mass-
averaged static temperature at the turbine outlet. The attempt
to determine point 2 based on total temperature was aban-
doned to enable a more detailed comparison of the results
obtained by means of different methods. Method 1 takes no
account of the exhaust loss and therefore the loss is also omit-
ted in Method 2. The results obtained from Methods 3-5 are
listed in Tables 4 and 5, respectively. The modified Reynolds
number was determined assuming average dynamic viscosity
in the gap, and critical velocity v, was calculated for the
static parameters listed in Table 1. The mass flow through one
supply nozzle reached the critical value for the pressure ratio
under consideration upstream and downstream the nozzle. For
this reason, it was constant for every rotational speed and to-
talled my, = 0.00152 kg/s.

Fig. 13 presents characteristics obtained by means of the
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Table 4. Efficiency determined by means of Method 3.

n [min™'] v, (m/s] Re,, M, Wi Wo | mi[%]
15000 348.92 60.536 | 0.164 | 9.201 | 5.086 5.8
20000 348.92 60.882 | 0.219 | 6.873 | 3.564 74
22500 348.92 60.980 | 0.246 | 6.095 | 3.057 8.2
25000 348.92 61.118 | 0.274 | 5473 | 2.651 8.9
27500 348.92 61.264 | 0.301 | 4.964 | 2.320 9.6
30000 348.92 61.370 | 0.329 | 4.540 | 2.043 10.2
35000 348.92 61.249 | 0.383 | 3.867 | 1.608 114

Table 5. Efficiency determined by means of Methods 4 and 5.

n v, Method 4 Method 5

[min™] [m/s] Wo Wi | %] | ve sl | Wi | mi[%]
15000 | 332.8 | 5.81 | 11.11 4.1 63.8 0.63 | 20.7
20000 | 298.6 | 3.91 | 7.96 5.1 73.6 048 | 26.1
22500 | 358.5 | 4.17 | 8.40 6.8 77.9 043 | 352
25000 | 3463 | 3.62 | 7.49 7.4 82.9 039 | 38.6
27500 | 305.7 | 291 | 6.30 7.3 87.3 0.35 45
30000 | 407.7 | 3.56 | 7.38 104 95.3 035 | 549
35000 | 4054 |3.03| 6.50 12.3 101.4 028 | 659

methods described above. It follows from Fig. 13 that Meth-
ods 1-4 give similar efficiency values. The results obtained
from Methods 1 and 2 are identical up to the rotational speed
of 25000 min”, and the maximum is achieved for n =
23000 min’.

It should be noted that the characteristics obtained from
formulae (11-16) (Methods 3-5) are linear, which makes it
impossible to predict the theoretical maximum efficiency that
could be achieved for given parameters of the fluid and a
given geometrical configuration of the turbine. Analysing the
velocity values on the rotor outer radius, it may be stated that
the assumption adopted in Method 3 of constant critical veloc-
ity at the rotor inlet may be burdened with the maximum error
of about 15 %. Nonetheless, the assumption can be realized at
a greater number of supply nozzles on the perimeter.

Despite increased precision of the velocity determination,
the efficiency characteristic obtained by means of this method
differs more from the characteristics obtained based on power
calculations from stresses on the surface of the discs and from
the enthalpy drop (Method 1 and Method 2, respectively) than
the characteristic determined by means of Method 3. The dif-
ference between the characteristics found using Method 3 and
Method 4 proves a significant impact of the flow field non-
homogeneity. Method 5 determines efficiency based on a
transformed Euler turbine equation for distributions obtained
from the numerical analysis. However, the method takes no
account of the streamline shape or length and omits the flow
phenomena arising along the flow path as well as the jet un-
steadiness and direction. Therefore, it may be concluded that
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Fig. 12. Example lines of real and isentropic expansion in the Tesla
turbine.
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Fig. 13. Tesla turbine efficiency characteristics found using different
methods.

efficiency in this case concerns the maximum efficiency of the
rotor that can be achieved at the fluid certain kinematic pa-
rameters rather than the turbine real efficiency. The method
does not take account of the change in the fluid direction due
to the outlet structure, which may cause additional losses.

4. Summary and conclusions

This paper presents the results of the Tesla turbine numeri-
cal analysis performed for different turbulence models: the
RNG k-, the k—® SST and the SAS model. The analysed
model reflected the geometry of an existing turbine with the
rotor diameter of 73 mm and with 5 discs. The time and space
discretization sensitivity analysis was conducted. Qualitative
and quantitative differences obtained from the SAS model
with a thicker and thinner mesh, as well as with a smaller and
bigger time step, were indicated. The SAS model with a
thicker mesh and a smaller time step took account of smaller
vortex structures and more instances of unsteadiness. This,
however, did not translate into a great improvement in the
power estimation by means of the numerical analysis. The
highest unit power on the rotor discs was obtained for the SAS
model with a more precise discretization, whereas the RNG k—
€ model gave the smallest values. The area between the jet and
the inter-disc gap boundary was characterized by swirling and
reverse flows, which slowed the rotor down. Comparing the
characteristics of power as a function of rotational speed, it
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may be concluded that the SAS model with a thinner discreti-
zation and the k—@ SST model predict similar power values.
For higher rotational speeds, the RNG k—¢ model predicts
lower values compared to the other models. The turbine effi-
ciency was estimated using 5 methods. The methods based on
the determination of the drop in enthalpy, power from stresses
arising in the fluid and on the theoretical relations developed
by Carey produced similar results.

The analysis presented in this paper makes it possible to as-
sess the methods of determination of the Tesla turbine operat-
ing parameters in terms of their usefulness for establishing the
turbine potential for practical applications.
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Nomenclature

b : Inter-disc gap

¢ : Specific heat at constant pressure
h : Specific enthalpy

L : von Karman scale

M : Torque

M, : Mach number on the disc outer edge
my, : Mass flow from one nozzle

N : Power

N, : Unit power

n; : Normal vector in direction i

n : Rotational speed

R : Gas constant

(0] : Q-criterion

r : Radius

Re,  : Modified Reynolds number

] : Specific entropy

T : Temperature

T : Sutherland temperature

t : Time step

u : Tangential velocity

ut : Non-dimensional velocity

Vo : Peripheral velocity

W : Non-dimensional relative peripheral velocity
y' : Non-dimensional distance

o : Height of first boundary layer element
o, : Relative difference

n : Efficiency

K : von Karman constant

n : Laminar viscosity

e : Turbulent viscosity

p : Density

T : Tangential stress

®, : Angular velocity
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